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SUMMARY 

From full scale measurements it follows tnat for the lowest 

natural frequencies of a ship hull girder the damping is negli

gible, whereas m the blade frequency around service RPM the 

response is practically constant. It is shown that this phenome

non is adequately described by assuming a viscous damping which 

is proportional to the stiffness. 

By response here is meant the frequency function of the 

vibratory displacement amplitudes generated by a constant exci

tation. 

The response will generally not seriously be affected by the 

structural arrangement. This means that if information v;ith re

gard to the response is available from comparable ships, the 

vibratory behaviour is directly given by the propeller-induced 

excitation level. Therefore, in these cases the vibration 

investigations primarily have to be directed in minimizing the 

excitation forces. Only local structures need to be analyzed with 

regard to their vibratory behaviour for each ship individually. 

It is difficult, however, to indicate the boundaries at 

which the local structures can thought to be uncoupled from the 

overall vibrations with regard to their own vibrational behaviour. 

Means are given to determine these boundaries. In this respect 

account has to be taken of the increased effect of damping with 

a larger complexity of the vibration pattern. 

With regard to the shaft vibrations several parameters are 

considered, showing the paramount role of the propeller coeffi

cients. These are the hydrodynamic effects of the vibrating 

propeller, such as the added mass of water. Also the effects of 

oilfim and gyroscopy are treated. 
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CHAPTER 1 

INTRODUCTION. 

More than ever before it is of importance nowadays to 

determine, in the design stage, the vibration level of a ship. 

This enlarged urgency is caused by the ever increasing propulsion 

power. 

too 120 

propellei RPM 

Figure 1. Effect of load condition on the resonance frequencies 

of the "Gopher Mariner" and the effect of the number of 

blades and propeller RPM /I/. 
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It is not possible to suffice with the calculation of the 

resonance frequencies, because in the blade frequency range at 

service speed the vibration modes are so complex and the resonan

ces are so close to each other, that it will always be impossible 

to calculate with sufficient accuracy the resonance frequencies. 

Further, McGoldrick and Russo /I/ have already shown that due to 

variations in the ship loadings, resonance free areas are almost 

non-existent for propellers with the usual number of blades, see 

Figure 1. 

Moreover it follows from exciter tests, for example from 

Ramsay /2/, see Figure 2, that at service blade frequency the 

magnification m general is small, so that the vibration level is 

more or less proportional to the excitation level. 
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Figure 2. Results of exciter tests on a destroyer, showing the 

increased insensitivity of the hull for resonance 

behaviour in the higher frequency range /2/. 
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For the determination of the excitation forces use can be 

made of model experiments and calculations based on wake field 

observations behind the model and on the propeller geometry. The 

propeller-induced excitation consists of two non-allied pheno

mena : 

propeller shaft forces and 

hull pressure forces. 

At the end of the 1950's Wereldsma /3/ succeeded in measuring 

on model scale the dynamic propeller-shaft forces and moments. By 

means of the lifting line theory and also by means of the lifting 

surface theory Breslin /4/, S(zintvedt /5/ and Van Gent /6/ have 

calculated the dynamic blade forces, from which the dynamic 

propeller-shaft forces can be evaluated. The m a m problem is 

still that an estimate has to be made of the interaction effects 

of the propeller on the wake field and of scale effects on the 

wake field /5/. 

In the generation of the hull pressure forces, the cavita

tion and its dynamic behaviour play a paramount role as deduced 

from model tests by Van der K0013 /7/ and Hiise /8/ and from full 

scale observations by S0ntvedt /5/. 

Little IS known with regard to the response of a hull 

structure to a given excitation system. Various exciter tests 

have been done, for example by McGoldrick /I/, Ramsay /2/ and 

't Hart /9/. From these full scale observations few data are 

available, relating the excitations to the responses. 

Calculations of hull vibration mostly still refer to un

damped vibrations, McGoldrick /I/ and Volcy /ID/. To incorporate 

damping McGoldrick /ll/ investigated a number of full scale 

observations and came to a mass proportional viscous damping 

Robinson /12/ applied these results and found an overestimate of 

the effect of damping in the lower frequency range and an under

estimate for the higher frequencies. 

Probably follov;ing aeronautical experiences, Bishop /13/ and 

Reed /14/ have introduced a hysteretic damping with a proportion

ality factor of 0.1. But then discrepancies are still found as 

shown in this study. 

The Netherlands Ship Research Centre performed very detailed 

and accurate exciter tests on a fast cargo vessel /9/. The 

results of these tests have been used at the Netherlands Ship 
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Model Basin to investigate their three dimensional hull vibration 

program DASH /15/, developed with the support of the Netherlands 

Ship Research Centre. 

Originally only undamped vibrations were investigated. 

During the correlation study, however, the striking effect of 

damping became obvious. 

An investigation was then made into the effects of a viscous 

damping, which distribution over the ship is chosen proportional 

to the stiffness /16/. The results show a better correlation over 

the entire frequency range of interest in ship vibration than the 

other possibilities. They are treated m this work. Also the conse

quences with regard to local vibrations are discussed. 

The fluctuating hydrodynamic forces that act on the propel

ler can have appreciable magnitudes /3/. Therefore, the shafting 

needs separate considerations in the vibration analysis with 

regard to habitability and safety requirements. The propeller 

coefficients /ll/, that are the added masses, damping and 

coupling effects of the water on the vibrating propeller, have an 

appreciable effect on the vibrations. This is also discussed in 

detail. 
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CHAPTER 2 

EXCITATION SYSTEM. 

2.1. Introduction. 

Formerly, much attention had to be paid to the unbalance free 

forces and moments of the i.e. prime mover /18, 19, 20/. Although 

nowadays the engines are higher powered, these engine-generated 

vibrationsare becoming of less interest. This is due to the fact 

that more attention is being paid to balancing and due to the 

fact that the propeller-generated hydrodynamic excitations have 

become the main source of vibration. 

The object of this study is to demonstrate the effect of 

damping, which is shown to be the decisive factor in the deter

mination of the hull response in the range of blade frequency 

around the service RPM. Therefore, the attention is restricted to 

propeller-generated hull vibrations. 

In modern large or high speed ships very often wave-excited 

resonances m the deformation modes have been found (springing 

and whipping, /21, 22/). These vibrations concern only the fun

damental modes, for which damping is to be neglected, so that 

large dynamic amplification will occur. For this problem a slen

der beam approach of the hull girder with zero damping suffices 

and IS therefore beyond the scope of this study. 

2.2. Dynamic shaft forces generated by the propeller. 

In the 1950's it became clear that most shaft problems can 

be explained by the large dynamic shaft forces and moments and by 

resonance problems. The dynamic forces are generated by the pro

peller having a finite number of blades and operating in the non-

homogeneous wake field of the ship. Due to the fact that the pro

peller IS provided with equal blades, only certain harmonics of 

the wake field participate m the generation of the hydrodynamic 

forces and moments on the propeller shaft. Increase of the number 

of blades results into a decrease of these forces. This is due to 

the reduction of the amplitudes of the harmonics of the wake 

field with higher index number. 
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By changing the ship after body lines, e.g. from conventio

nal V-shaped lines to a bulbous stern or open stern (Figure 3, 

/2 3/), a more homogeneous axial wake field is created. This homo

geneity results into smaller amplitudes of the harmonics of the 

axial wake field /3, 5, 24/, so that smaller dynamic propeller-

shaft forces and nonents are the result. 

wake field conventional stern wake fieW bulbous stern woke field open stern 

Figure 3. Effect of afterbody on the axial iso-wake lines /23/. 

Due to the still increasing propulsion power a further shift 

in the nature of the m a m excitation occurs. In the beginning of 

the 1970's It has been found that hull pressure forces became 

dominant in the generation of the hull vibrations. 

2.3. Dynamic hull pressure forces generated by the propeller. 

Propeller blade thickness and blade loading give rise to a 

pressure field surrounding each blade of an operating, non-
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cavitatmg propeller. On a point of the hull surface above the 

propeller, this pressure field is felt as a periodic pressure 

fluctuation with a fundamental frequency equal to the blade 

frequency /25, 26/. 

At normal blade loadings, however, the propeller cavitates 

and this cavitation shows to play a dominant role in the creation 

of the pressure fluctuations and the integrated forces /I, 27/. 

Especially the dynamic behaviour of the cavities is very important, 

which is predominantly found back in the generation of large 

second and higher harmonics of the pressure forces. 

These fluctuations in the cavities are caused by the angle 

of attack variations of the flow into the propeller blade as a 

result of the irregularities in the wake field. Therefore, an 

effective reauction of the hull pressure forces can be obtained 

in homogenizing the wake field. This can, for example, be 

realized by a tunnel-like structure above the propeller, extending 

some propeller diameters m front or the propeller along the hull, 

Figure 4 /28/. 

0 X 05 1 15 2 

Figure 4. Tunnel structure above the propeller to obtain smaller 

variations in the blade loading in the upper part of 

the propeller disc. 

'4 



CHAPTER 3 

FINITE ELEMENT TECHNIQUE FOR COMPLEX STRUCTURES . 

3.1. Mathematical representation of hull structures. 

In the mathematical representation of a complete hull 

structure first of all attention has to be paid to the general 

composition of the ship and the requirements for the vibration 

analysis. Most of the vibration problems refer to comfort and to 

local cracks (such as in pipes, tanks, webs, hull plating), 

which are located in the superstructure, engine room and after 

peak tanks. The modern trend in ship design is to locate the 

superstructure and the engine room aft, which is close to the 

excitation source. The aft part of these ships thus requires 

a detailed mathematical modelization. This is realized by a three-

dimensional finite element representation of the aft part. An 

accurate and realistic dynamical support of this aft part is 

realized with a beam representation of the rest of the ship /lO/ 

as shown in Figure 5. 

Figure 5. Mathematical hull representation for calculating the 

afterbody vibration level. 

However, for ships with a superstructure midships, or more 

forward, a detailed modelization is required for the entire ship 

structure. Due to the limitations in the available time and 

financial sources a more rough modelization in the regions of 

interest has then to be accepted, see Figure 6. 
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Figure 6. Principal of sub-structure technique and the location 

of the final joints, into which the masses have been 

concentrated and for which the vibration level has been 

calculated. 

In the finite element technique the structure is broken do\;n 

into a number of simple structures for which in some way the 

relations between loadings and deformations can be obtained. 

These simple structures or sub-structures /29, 30, 31, 32/ are 

connected to each other in a limited number of joints, whereas 

in the remaining parts of the interfaces to a certain degree 

requirements can be fulfilled with regard to the compatibility 

of displacements and stresses. Once again these sub-structures 

can be sub-divided into a number of simpler elements etc., 

finally arriving at basic elements for which relations between 

loadings and deformations can be analytically formulated /30/. 

Hence, sub-structures are also finite elements but now with 

numerically derived force-deformation relations. 
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By making larger elements the number of joints can be 

reduced. This is acceptable because for the representation of the 

masses a much less detailed network of joints is required than 

for the representation of the stiffness. /29/. Then the joints, 

into which neither masses are concentrated nor external forces 

apply, can be expressed as functions of other joints. These 

functions are given by the stiffness matrix only. In this way a 

considerable reduction is obtained of the number of final joints 

for which the vibrational response has to be calculated. For 

example for the ship of Figure 5 some 3000 joints are under

lying the final 145 joints. 

In fact this sub-structure philosophy only serves to 

reliably estimate the stiffness characteristics of large and 

complex steel structures. 

The equations of motions for these final joints write m 

matrix notation: 

MS + DJ + K6 = f 

m v/hich 6(t) is the deplacement vector |, ^ , 
Lbeing functions of 

f(t) IS the force vector [time t, 

M IS the mass matrix, 

D is the damping matrix, 

K IS the stiffness matrix, 

From full scale observation it has been found that the blade 

frequency and multiples of it are the dominant frequencies in the 

ship vibrations. Sometimes also the frequencies generated by the 

prime mover occur, mostly only locally. 

Moreover the vibrational stresses are m the linear range 

of the material, so that the use of a linear theory is justified. 

Although the mass, including the added mass of water, will 

depend on the vibration mode, it is assumed to be constant m a 

small frequency range. Also a constant damping matrix for a 

given frequency range is thought to be a reasonable assumption. 

Then the set of equations converts to: 

-0) M + lojD + 1 6 = f 
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For the solution of this set of equations use can be made of 

the direct solution, which means the inversion of the dynamic 

matrix [-00 M + icoD + K] . 

To obtain some insight m the vibration level at service 

speed, the form of the resonance peaks, the mutual behaviour of 

neighbouring joints and so on, the response has to be calculated 

over a small frequency range around the service RPM. Therefore, 

the dynamic matrix has to be inverted for several values of oj. 

To keep the amount of calculations reasonable, these 

calculations have to be performed for a restricted number of 

joints, to which the coefficients of the mass, damping and stiff

ness matrices apply. That means that rather large sub-structures 

of complex nature have to be used. 

3.2. Basic finite element used. 

A ship structure consists mainly of relatively thm plates 

and slender beams. For a hull vibration analysis it therefore 

will be sufficient to represent the hull by means of plate and 

bar elements v/ith only in-plane stiffness and axial stiffness. 

For local vibrations, however, also elements with bending 

stiffness are required. 

For the plate elements two types are used, rectangular and 

triangular elements. 

The triangular elements have a constant stress distribution 

so that compatibility in the displacements at the joints and over 

the boundaries is realized. However, the equilibrium in each 

point of the element is not satisfied, 

The rectangular elements have a linear longitudinal stress 

and a constant shear stress distribution. In this way equilibrium 

in each point is fulfilled. Hov;ever, compatibility in the dis

placements is only realized at the joints. The lack of compati

bility along the boundaries has found to be acceptanle /33/. 

The bar elements have constant properties over their length, 

this also holds for the beam elements. 
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3.3. Solution technique. 

Because of the large order of the matrix equation to be 

solved, intensive use has to be made of the background memory 

of the computer, viz. magnetic disc storage units. Therefore, use 

is made of the Gauss elimination technique /34/. Bandwidth and 

symmetry are accounted for. 

The diagonal terms of the obtained matrices show to be 

little dominant, hence a large influence of rounding-off errors 

can be expected. The residues, however, have always found to be 

small. Also with excitation frequencies very close to resonance, 

the residues remain surprisingly small. 

Comparison of the obtained solutions with full scale respon

ses generally show excellent agreement /35/. 

These two facts clearly show the utility of the employed 

calculation technique. 

In the sub-structure technique a large amount of interface 

joints have to be eliminated. This results into a full matrix. 

However, for the joints that are far removed from each other in 

the ship the coupling terms show to be small with regard to 

closely located joints, generally of the order of 1/100 or less. 

Therefore, use is made of a chosen bandwidth, which has found to 

be satisfactorily. This artificial bandwidth is then based on the 

physical set-up of the structure and the numbering of the final 

joints. 

In this regard it has further to be realized that in 

vibration investigation the aim is to obtain insight in the level 

of the overall hull vibrations in the design stage. Local effects, 

such as the bending deflections of a deck, cannot be taken into 

account. It is cheaper to cure these local problems on the ship 

itself. 
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CHAPTER 4 

FORCED SHIP VIB-^ATIONS. 

4.1. Introduction. 

The hull vibrations m recent ships are practically alv;ays 

excited by the propeller-induced excitations. For ships with 

the accommodation aft the vibrations show mostly to be unaccept

able with regard to the habitability. Therefore, m the design 

stage, means are required to predict the vibration level on board 

the new ship. 

From full scale measurements of exciter tests, see Figure 2, 

the large effect of damping in the higher frequency ranges is 

acknowledged. In this frequency range the blade frequency and its 

multiples are located. 

In this chapter the results of a vibration analysis of a 

twin screw vessel will be given. These calculations refer to the 

undamped system. From the results an estimate of the effect of 

damping had to be made in order to obtain insight in the forced 

vibration level for the ship at service speed. 

To include damping effects, several suppositions are 

considered. It follows that viscous damping, proportional to the 

stiffness, gives the best results. In this investigation use is 

made of a slender beam representation of a fast cargo vessel for 

which detailed exciter tests are available. 

The found result is applied in the calculation of the forced 

response for the same cargo vessel, now three-dimensionally 

represented m tie calculations. 

4.2. Undamped hull vibrations. 

For a twin screw container vessel the forced hull vibrations 

have been calculated for zero damping. The excitation system is 

given by the propeller induced hull pressure forces and propeller 

shaft forces and moments. The amplitudes and relative phases of 

this excitation system have been derived from model measurements. 

The finite element breakdown of this ship, to vjhich the 

ultimate calculations of the forced vibrations refer, is given 

m Figure 6. In this breakdown the complete shafting, running 
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from propeller up to the thrustbearmg, has been included. 

For the undamped response calculations the following set of 

equations has to be solved: 

M6 + K6 = f 

In the mass matrix the effect of added mass is accounted for. 

Splitting each harmonic of the excitation system in a sine 

and a cosine part results for linear systems into a similar 

division of the response: 

f(t) = f sincot + f cosojt - -s -c 

so that 6(t) = 6 smtot + 5 coswt. -s -c 

Then the set of equations can be written: 

K - 0) M 0 

K - to M 

6 f 
-s -s 

X = 

6 f 
-c -c 

which, due to the lack of coupling, can be handled like 

K to M 

Ax = b 

, being a symmetric matrix with constant 

[£.. ̂ =] being two column 

m which A 

coefficients, x = I 6 , 6 I and b = - [-S' -cj 
matrices. 

The way to derive the stiffness and mass matrices is indica

ted in chapter 3, as well as the solution of the set of equations. 

In the analysis of this twin screw vessel account has been taken 

of various phase differences between both propellers. 

For various joints the response has been plotted as a 

function of the frequency as shown m Figure 7, /37/. The curves 

in this Figure are not the real response, but only serve to 

connect the response points with the indicated phase difference 

between both propellers. 
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4.3. Rough estimate of damping and correlation to full scale 

measurements. 

In order to arrive at a conclusion from the results of the 

undamped hull response calculations, use has been made of the 

fact that correlation to full scale measurements for a fast cargo 

vessel shows that the logarithmic average of the undamped response 

over a small frequency range closely agrees with the full 

scale measurements. Based on this fact the shaded regions in 

Figure 7 have been chosen, indicating the level of vibrations at 

service speed. From these regions the amount of hindrance, as 

indicated in Table 1, has been derived as "noticeable". 

Comparison of the thus obtained vibration level with the 

full scale observations shows the usefulness of this technique. 

In fact this result is the base of the philosophy that the 

complex vibration modes, that occur m the service blade fre

quency range, do not show appreciable magnification at resonance, 

nor zero response at anti-resonance. The cause of this phenome

non will be investigated m the following section. 

Table 1. 

Appreciation of measured vibrations according to investigations 

of "L'Institute de Recherches de La Construction Navale" m 

Pans /37/. 

vertical acceleration 

at ship 
ends 

<0.010g 

0.010-0.025g 

0.025-0.050g 

0.050-0.120g 

lo. 120-0.250g 

p.250-0.500g 

0.500-lg 

>lg 

at the 
accommoda
tion 

<0.010g 

0.010-0.025g 

0.025-0.050g 

0.050-0.125g 

0.125-0.250g 

0.250-0.500g 

>0.500g 

horizontal acceleration 

at ship 
ends 

<0.010g 

0.010-0.025g 

0.025-0.050g 

0.050-0.125g 

0.125-0.250g 

0.250-0.500g 

>0.500g 

at the 
accommoda
tion 

<0.010g 

0.010-0.025g 

0.025-0.050g 

0.050-0.120g 

0.120-0.250g 

>0.250g 

appreciation! 

by men 

very weak | 

weak 1 

noticeable 
slightly 1 
uncomfortable 
very un
comfortable 1 
extremely un-j 
comfortable 
hardly sup- 1 
portable 
unbearable 1 
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F i g u r e 7 . C a l c u l a t e d undamped h u l l r e s p o n s e w i t h e s t i m a t e d v i b r a 

t i o n l e v e l , compared w i t h f u l l s c a l e o b s e r v a t i o n s / 3 7 / . 



-18-

4.4. Smoothing effects on hull response to propeller induced 

excitations. 

4^4^1^_Intrgductign^ 

The excitation system applying on ships is in general a very 

complex one and, together with the three-dinensional hull vibra

tion, it IS difficult to indicate the physical la\;s that govern 

the vibrational hull behaviour. By considering an idealized ex

citation and by restricting the attention to linear response, an 

attempt is made to analyse the characteristic reactions on board 

ships. 

The attention will be focussed on vertical excited hull 

vibrations, which are generated by an exciter. By investigating 

the response (vibration amplitude divided by the amplitude of the 

excitation force) over the frequency range, it will be possible 

to arrive at a formulation of the nature of the structural pro

perty that smoothes the response curve. 

In Figure 8 the response to an exciter, mounted in the 

after part of the ship,is given as a function of the frequency 

/9, 28/. Due to the fact that the force has been measured simul

taneously, the response as a function of the frequency has been 

obtained. From this response curve the practically undamped 

hull vibrations at low frequency catch the eye. Comparison with 

the calculated results of the undamped system (dotted lines m 

Figure 8 /39/) clearly shov; the small amount of the damping, ^t 

the higher frequencies, however, the effect of damping shows to 

be the crucial parameter. There we see a practically flat res

ponse level. 

For horizontally excited hull vibrations a similar result 

holds as well as for torsional vibrations /9/. 

For the cause of this flat response the follo\;ing possibili

ties are considered: 

a. unsteadiness of the frequency of the excitation, 

b. unsteadiness in the amplitudes and phases of the 

excitation system, 

c. viscous damping, that means a damping proportional to the 

velocity: 
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M6 + D6 + K5 f ( t ) 

In the first two possibilities the mechanical system is sup

posed to have negligible damping. Hence the flat response, there

fore, has to be explained by drastic effects on the excitation 

due to the indicated unsteadiness. In the last possibility the 

excitation is assumed purely deterministic, so that the flat 

response has to be ascribed to a damping-like characteristic 

in the construction, the cargo or the participating water. 

"Z 10 

calculated vertical hull response to emter exataticn 
(no damping,3-dim.tinel.techn} 
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Figure 8. Vertical hull response to vertical hull excitation. 
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i,ii.i2.i_I'ff§£5_2l_yD§teadiness_in_the_excitatign_freguency_^ 

In ship vibration analysis it is generally assumed that the 

frequency of the excitation as well as its amplitude is constant, 

hence purely periodic. However, due to waves or rudder actions, 

due to instabilities of the wake field (low frequency turbulan-

cies caused by the bilge vortices) or due to control variations 

of the prime mover, the angular propeller speed is not constant, 

but varies around its mean value. For modern ships, operating 

m good weather the maximum variation m RPM is of the order of 

lo of the mean value. 

However, the blade frequency at service RPM is situated m 

the range of higher natural frequencies, which are very close to 

each other. This means, that slight variations in the frequency 

can lead to considerable changes in the response. In this case 
I 

It has to be realized that at a certain frequency the response is 

only obtained after some duration of the excitation, because it 

IS a particular solution of the equation of motions. Due to the 

further change in the RPM this particular response has to die out 

and an other response starts to build up. This means that a 

continuous transport of energy from one vibration mode into an 

other occurs, from which it seems reasonable to expect that the 

response will be smaller than calculated. 

To study this phenomenon it can be assumed for a short time 

interval that the variation in propeller speed is harmonic, hence: 

to(t) = (iJ (1 + ECOStO.t) 

in which to IS the mean angular frequency of the shaft, 

to IS the angular frequency of the variation, 

e IS the amount of variation, (of the order of one 

percent, or smaller, for modern ships). 

Then the excitation writes: 

f , , (t) = bsinto (1 + Ecos(o,t)t nearly harmonic o 1 

m which b is the amplitude of the excitation, v/hich is assumed 

to be constant. 
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By means of the Jacobi's expansion into a series of Bessel 

functions we find the following decomposition of the nearly 

harmonic excitation function: 

^n h'"^ = h ^ J (etô t)sin(tô  + j(Oĵ )t. 

Now Etô  is of the order of 1/lOth, hence after 10 seconds we find: 

J^(l) = 0.75 

J^(l) = 0.5 

J^d) = 0.2 

so that we can conclude that only after a rather long time the 

non-blade frequency components become sufficiently important. 

However, over such a time interval we cannot expect a pure harmo

nic variation of the frequency. Hence, only for short periods the 

abo c consideration can be applied. We must conclude from Figure 

9 that the J (EOI) t)sin(to t) dominates, and also the response to 

bJ (eto t)sin(o t, which is in fact practically the original exci-o o o 

tation. Thus variations of the shaft speed will not alter the 

response significantly, neither m magnitude, nor in pattern, 

so that the dynamic amplification at resonance should still occur. 

The effect of the variations m the excitation frequency thus 

does not explain the flat response met on full scale. 

The above considerations refer to a single excitation, but 

obviously a similar conclusion can be drawn for multi-component 

excitations. 

2 4 6 e 10 12 14 
values of z 

Figure 9. Bessel functions of the first kind as a function of the 

argument z. 
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4^4^3^_Effect_of_unsteadiness_in_the_amglitude_and_ghase_of_the 

§S£i£s£i2Di 

The excitation is given by the expression 

f(t) = bsin(to t + ())) • 

Now we consider a harmonic variation of the amplitude b and the 

phase ^ : 

b = b (1 + £, costo.t) , 

If, = ())̂ (1 + e costOĵ t) . 

Observations of pressure fluctuations have learnt that the 

variations m amplitude and phase occur simultaneously. So the 

variations in amplitude and phase have been given the sane fre

quency . 

Substitution results into 

f ( t ) = b Z J (())^E ) s i n { t o t + jto t + (j)^} + 
J = - ' b 

+'̂  r 
h^c^ Z^J^( ( |>^E^) [ s in{( (o^ + % ) t + j t o ^ t + $^} -

( - l ) ^ s i n { (lo^ - ( o ^ ) t + j t o ^ t - i)>^}l 

Furthermore, it follows from pressure measurements with a cavita-

ting propeller that the variations in amplitude and phase of the 

pressures can be considerable, therefore we may write: 

e, '̂1 and Ê '\'1 (<i) expressed m radians) . 
b $ 

This means that we can restrict our considerations to the 

range running from 0 up to 2 of the argument of the Bessel 

functions J (see Figure 9). 

From the final expression of the excitation we see that for 

values of the index j unequal to -1 and 0, frequencies are 
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generated that differ considerably from the basic excitation fre

quency to , which will result into beat phenomena, as illustrated 

here for j = 1: 

b J, (41 E , ) {smu), tcos (to t + (t ) + cosoo, tsin (to„t + (t ) } + o 1 o (|) 1 o ^o 1 o ^o 

b e,J,(ij) E . ) cos2oo, tsin (to t + * ) . 
o b 1 ̂ o tj) 1 o ^o 

By this a sharp reduction of the excitation due to phase 

and amplitude variation is not explained and, therefore, in the 

following not taken into consideration. Furthermore, the non-

blade frequencies occur with appreciable amplitudes, which has 

never been found on board ships. 

Apart from J {ip E ) the remaining Bessel functions for j 

unequal to -1 and 0 are considerably smaller, so that they are 

also left out of consideration. 

For J = -1 and 0 we find for the excitation components: 

j = -1: t'o'̂ -l'*ô (i)' ^~ siniiiĵ tcos (tô t + tt̂ ) 

+ costo.tsindo t + <(>Q) } + '̂ ô b"̂ -!'"''ô d)' ̂ "'"'̂ "0''°°̂ " ̂ ' 

3 = 0 = V o ' * o = <t,'^^"'"ot + <1>̂ ) + 

These are the only terms in which a constant amplitude 

occurs. These amplitudes do not differ much from the original 

value, so that the flat hull response also is not explained by 

assuming variations m the amplitude and phase of the excitation. 

4̂ 4_̂ 4̂ _Ef f ect_of_viscous_damging^ 

In matrix notation the equations of motions are written 

thus 

M6 + D6 + K6 = f • 

By means of stress-strain relations we can calculate the coeffi

cients of the stiffness matrix K; by requiring equivalency of the 

kinetic energy we obtain the coefficients of the mass matrix M. 
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However for the damping matrix D we have for a ship no means to 

derive its coefficients. At this moment no indication can be 

given of the actual distribution of damping, nor about its physi

cal background, such as: 

construction, 

cargo, which is variable, 

viscous effects of water, etc. 

Therefore,and for the introductory investigation of its effect on 

the response, we may assume the damping matrix to be a linear 

combination of the mass and stiffness matrices, hence 

D = yM + KK. 

Comparison with full scale observations will show the utility of 

this assumption. 

It nas already been shown by Rayleigh /40/ m 1877 that if 

damping could be expressed as a linear combination of mass and 

stiffness distribution, the eigenvalues and corresponding normal 

modes of the undamped system still exist. Recently /41, 42/ it 

has been shown that also for an arbitrary distribution of 

damping the principle of normal mode and eigenvalue, orthogona

lity, etc. still hold and that in a similar way the response of 

a damped system can be calculated. No direct relation has been 

found between the eigenvalues and the normal modes determined m 

this way, with those of the undamped system. For a damping dis

tribution proportional to mass or stiffness distribution there 

is such a relation as will now be discussed. 

As an example we will consider the longitudinal bar vibra

tions to illustrate this idea. Transverse vibrations are not 

easy to illustrate. 

Figure 10 shows a partial finite element breakdov;n of a 

homogeneous bar. For mode i the equation of motion is: 

"^K + V i ^ <3k'-«i-l + 2̂ 1 - «i+i) + M-5^_^ + 26^-6^^^) = f̂ , 
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Figure 10. Finite element representation of a homogeneous bar 

in longitudinal vibration, with internal and external 

viscous damping. 

m which m = mass, 

d 
^damping terms, ra 

6 = displacement 

f = excitation force 

k = spring stiffness. 

for node i, see Figure 10, 

These values are constant for a homogeneous bar. 

In fact this equation is the difference equation represen

tation of the differential equation describing the motion of an 

mfmitesemal piece dx: 

m'i + d„ 
"̂ ax̂ St Sx'̂  

m which the symbols now represen t funct ions of the l o n g i t u d i n a l 
coord ina te x . 

ym For d„ and d, we now can write d m k m 
d,̂  = «k 

so that the total damping shows to be a linear combination of 

mass and stiffness: 

d = ym - Kk 
3̂ 6 

3x 
2 • 

To study the transverse ship vibrations we first consider a 

homogeneous beam for which the equation of motion writes: 

3̂ 6 
-^ + d 

36 3̂ 6 
+ EI 

3t 3x^ 
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where EI is the bending stiffness per unit length, 6 being the 

transverse displacement. The eigenvalue problem is given by 

3^6 36 3^6„ 
m — ^ t d - ^ t EI ^ - = 0 

3t'̂  3t 3x^ 

Assuming for the damping a similar expression as found for 

tne bar in longitudinal vibration we obtain after putting 

0 (x,t) = Y(x)e 

mX Y + ymXY+ KXEI^-J + EI^-^ = o. 
dx^ dx^ 

Which reduces with -to = A , , ,— to: 
1+ KA 

2 d'̂ Y -mto Y + ElS—]- = 0, 
dx 

the classical expression of the eigenvalue problem of undamped 

transverse beam vibrations. The eigenvalues are the real values 

/46/: 

2 
' :i 

u — — z — n ^2 

2 
m which a = 22.0/ 

a^ = 61.7 , 

2 
'3 

2 
'4 

2 

'5 

The corresponding normal nodes are: 

X X X x 
Y ( x ) = A s m a -j + B c o s a -„ + C s i n a -r + D c o s h a -5 

n n n H n n x. n nH n n i t 
i n w h i c h t h e v a l u e s o f t h e c o n s t a n t s A D a r e g i v e n 

n n ^ 
by the boundary conditions. 

Thus, due to the choice of the damping function \re have 

a^ = 121.0 

a^ = 200.0 , 

a^ =298.2 
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introduced a complex expression for the mass and stiffness 

distribution. In this way we obtain complex eigenvalues 

•^Kto^ + u) + 2.\/i^l - UKOO^ + P)2^ 

being functions of the eigenvalues to of the undamped system. 

The normal modes are still the classical eigensolutions of the 

undamped system. 

To study the effect of the parameters y and K v/e consider 

separately a damping distribution according to the mass distri

bution only and one according to the stiffness distribution. 

Putting K = 0 and y>0 \ie obtain: 

+ iVto^ Csyj^. 

This is represented in the complex A-plane in Figure 11. In this 

Figure we see that for a fixed value of the ratio y between the 

damping distribution and the mass distribution the effect of 

damping is for the lower eigenvalues much larger than for the 

higher ones. 

ii 

'T -•V'-'-(F 

(based on ship values) 

dimenstonless damping p- J '̂S" 

Figure 11. Effect of viscous "mass" damping on complex natural 

frequencies of a homogeneous beam. 
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Putting y = 0 and K>0 gives a complete different result, as 

shown by Figure 12. Here we see that with the increase of the 

eigenvalue the distance between the undamped eigenvalues (o to 

the damped eigenvalues: 

becomes larger. The effect is almost proportional with tô  . 

Figure 12. Effect of viscous "stiffness" damping on the complex 

natural frequencies of a homogeneous beam. 

This also indicates an increase of the stability of the system, 

hence a decrease of the magnification factor at resonance. 

Based on the fact that tha classical eigensolutions still 

hold, the response can be decomposed on the principal axes of the 

system. In fact we uncouple the system with regard to inertia and 

elasticity and due to the special form of damping also with 

regard to this parameter. Also the excitation system is decompo-
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sed along these principal axes. Then for each normal mode we can 

write 

- m ( l — — ) hi + m ( l + i K o j ) t o 
to n 

Y = F n n 

in which F is the component of the excitation related to the 

n-th normal mode Y /32/. 
n 

Putting the statical response of Y„ to F equal to Y . . ^ '^ n n ^ n, stat 
the magnification of the n-th normal mode writes: 

^, , 1 
Q„ = 

'^n, Stat ^/(i - ti-)2 + (K + -^)2^2 

The dimensionless damping coefficient B for the n-th normal mode 

becomes: 

n ^0,^ ^ n 

From these two expressions we once again see the different 

effects of a viscous damping proportional to the stiffness and 

proportional to the damping. The effect of the viscous "stiffness" 

damping increases with the frequency, whereas for the viscous 

"mass" damping the reverse holds. This means that a small damping 

at the fundamental frequency and a large damping at the higher 

natural frequencies is better realized by means of a viscous 

"stiffness" damping than by a viscous "mass" damping. 

The peculiar fact is that the relation between the coefficients 
2 

u and K is just the eigenvalue ui , the relation between the mass 

and stiffness of the n-th mode, or better, the relation between 

the kinetic and the potential energy of the free swinging, 

undamped system 

With the increase of the frequency, thus ranging m the more 

complex vibration modes, the complexity of the vibration pattern 

becomes more and more the crucial parameter m the final response. 

According to Rayleigh /39/ the natural frequency equals the square 

root of the ratio of the potential and the kinetic energy, thus 

with increase of the index number of the eigenvalue the potential 

energy dominates more and more, and with it the effect of the 

damping proportional to the stiffness. 
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For a fast cargo liner the response has been calculated, 

using a damping matrix proportional to the mass matrix or to the 

stiffness matrix. 

The ship has been represented in the calculations as a slender 

beam with equal mass and stiffness distribution as the ship. 

Account has been taken of the added mass and its variation with 

the vibration mode /16/. 

iscf 

-letf.l-
2 3 4 5 

_ undamped response 

6 7 8 9 

o—o-o-o- damped response 

Figure 13. Effect of viscous "mass" damping with proportionality 

factor u = 0.1. 

7 8 

damped response 

11 12 
frequency Hz 

Figure 14. Effect of viscous "stiffness" damping with proportio

nality factor K = 0.002. 
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The results of the calculations are shown in Figures 13 

and 14. The proportionality factors y and K have been put equal 

to 0.1 and 0.002 respectively. The "mass" damping shows to be 

insufficient, whereas the "stiffness" damping shows the desired 

characteristics. 

In Figure 15 the full scale measured vertical driving point 

response has been given /9/. These results have to be compared 

with the calculated results for stiffness damping, see Figure 14. 

This comparison shows that, apart from the non-coincidence of the 

resonances due to the over-simplification of the ship, the con

formity of the response level is striking. The stronger decrease 

of the magnification with frequency is probably caused by the 

more complex deformation of the real ship compared with that of 

the slender beam representation, used for the calculations. 

l U - : 

8 «rn 
a 

-

: t 
i 
1 

: = 

= =i 

--

d --
. i 

— -

JE 
--

: = 
f 
f, 

> I 1 

'- = 
- — 

E 

f 

— 

^ 
J|-EL 
1 
\ 
J 

= 
— 

E 

-

a 
F 
\ 

EE 

--
J J 

=jp 

\l 

= 
— 

r 
h= - j - ^ 

3 

T 

1 
l_ 

-
i 
f 
= 

^ 

\ 

f 

^ 

= 
-
^ \ 

= 
-

< > 

s 
-

3 

k 

E! 

= ; 
--

l i ' 
HE 

— 

=^ 

l l 

r y-

\ 
••s, 

V 

• i 

E 

-

= 
-

5 

-\ \ \ 

g 

/ 

= 

1 
J 

E 

-
1 
t 
-t 

tf 
J 
^ 

t 

p 

= 
^ 
s 

= 
— 

E 

-

= 
-

T 
J 

E 

-

= 
-

-
=! 
, 
1 

\ 

1 
=f 

1 

1 

^ 1 1 

r 
1 

^ 

/ 

= 

\ '' s 

E 
H 

= 
-

1 —̂ 

E 

-

= 
a 

^ 
— 
I 

1 

~ 

s 
-1 
1 
( 1 

4 

1 
4 
H 

r 
e 4 

E 

-

= 
^ 

\ 
= 
— 

\ 

E= 

-

= 

c 

— 
\ \ 
1 

E 

-

= 
= 

; 
1 
T 
1 
1 
1 

3 

Tj 
1 

& 

3 

— 

\ \ 
E 

E 

-

= 
—I 

= 
*— 

E 

-

= 
d 

= 
— 
M 
V 

E 

-

= 
= 

1 

P 
r 

» 
1 

E 

-

= 

= 
— 

E 

-

= 
d 

= 
— 

18Cf 
9cr 
cr 

90' 
-lecT. 

T-T 
t -

undamped response full scale response 

10 11 12 
frequency Hz 

Figure 15. Full scale response compared with calculated response 

based on slender beam representation of the hull (see 

also Figures 13 and 14). 

In Figure 16, the driving point response of the same ship 

has been represented as derived from a three-dimensional finite 

element analysis /38/. Comparing the undamped response with that 

of the response of the undamped slender beam shows for the lower 

frequencies practically the same level of response, for the 
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frequency Hz 
slender beam response T 

> zero damping 
3-dim. response J 

Figure 16. Effect of three-dimensional finite element represen

tation of the hull. 

higher frequencies there is a tendency in the results of the 

three-dimensional finite element analysis to reach a lower 

response level. Therefore it is expected that calculations of the 

damped response of this three-dimensional ship model requires a 

lower value of K than 0.002 when a viscous "stiffness" damping is 

used. 

A large number of investigators have collected experimental 

data with regard to damping /ll, 12, 14, 18, 43, 44, 45/. To 

incorporate the damping in the calculations McGoldrick /ll/ consid

ered a distributed viscous damping constant proportional to the mass 

per unit length (including the added mass of water): — = constant. 
m 

Comparison with full scale observations learned that with increased 

frequency the calculations showed a too small effect of damping. For 

this reason he introduced a viscous type of damping proportional to 

the mass and the frequency: — = constant. Application of this 
mto '^'^ 

concept led to results closer to reality and from experiments he 

deduced that — = 0.034 for vertical hull vibrations. Still it 

appears that for the higher vibration modes this value — under-
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estimates the effect of damping. A quadratic relation, however, 

would have overestimated the damping. 

This idea of an increasing damping coefficient for increasing 

frequency is probably caused by the idea that damping is coupled 

to velocity. Indeed, high frequency free vibrations of a thin string 

die quicker than low frequency vibrations of a thick string. However, 

considering the required number of oscillations we see that this 

number does not differ significantly. Hence, the decay of both 

strings is the same and with that the damping coefficient. 

As an example Figure 17 represents the forced response with 

a "frequency" proportional mass damping" D = 0.02toM, which shows 

a practically negligible effect of damping at the higher frequencies, 

compared with the full scale observations, see Figure 15. Only 

increasing the the proportionality term up to 0.1 gives a comparable 

vibration level at the higher frequencies. However, for the lower 

modes the effect of damping is exagerated, see Figure 18. A similar 

result was found by Robinson /12/. 

Figure 17. Effect of damping proportional to mass and frequency, 

the proportionality factor y = 0.02. 
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frequency Hz 

undamped response damped response 

Figure 18. Effect of damping proportional to mass and frequency, 

the proportionality factor y = 0.1. 

Reed /14, 45/ proposed to introduce hysteretic damping by 

forming a complex modulus of elasticity. The imaginary part then 

responds to an amount of dissipation of energy per cycle. He 

proposed an imaginary part of 0.1 of the real part. With this 

concept he performed many calculations for a submarine, mainly 

in order to investigate the effect of several structural approxi

mations of the hull. No correlation with full scale observations 

has been given. 

This concept of a complex stiffness leads to the following 

set of equations: 

MS+(1 + ih)K6 = f 

with h = 0.1 and i being the imaginary unity. 

For a slender, homogeneous beam the complex natural frequency 

writes: 

X = -hhbi + iw V 1-^h^ n n — n 
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(based on ship values) 

dinrwnsionless damping P-y^h k^ 
St 

Lssffl̂  

1(U5 

IU)4 

l U l , 

lu is 

IIU, 

hu 1 

_ T J 

Figure 19. Effect of hysteretic damping on the complex natural 

frequencies of a homogeneous beam. 

Figure 19 gives this expression for A in the complex plane, 

showing that the dimensionless fraction of the critical damping 

is constant: 

0 = %h. 

The effect of hysteretic damping for the cargo ship represented 

by means of a slender beam is shown in Figure 20. Comparing these 

results with those of the viscous "mass" and "stiffness" damping, 

given in Figures 13 and 14, shows that the hysteretic damping lies 

in between the other tv70. This also follows from the expressions 

of the dimensionless damping for the viscous "mass" and "stiffness 

damping ^j— and ^Kiii respectively. 

According to Bishop /13, 46/, the concept of hysteretic 

damping has the advantage that the dissipated energy per cycle 

of the vibration is constant, which is more likely to be expected 



-36-

for a rigid, steel structure than a frequency dependent relation 

as given by a viscous type of damping. 

Considering the striking agreement between calculations based 

on the viscous "stiffness" damping concept with < = 0.002 and the 

full scale observations, leads to the conclusion that for such 

complex structures like ships the dissipated energy per cycle must 

be frequency dependent. Taking account of the occurrence of 

frictional damping in cargo or upholstery, the so-called interface 

slip damping, it is very likely that this frequency proportionality 

will exist /47/. 

frequency H2 

undamped response damped response 

Figure 20. Effect of hysteretic damping, the proportionality 

factor h = 0.1. 

Kuitiai /44/ derived a relation between the ship length and 

the logarithmic decrement 5- for the 2-node vertical vibration 

(see Figure 21) and from this he concludes a proportionality of 

&2 with the inverse of the ship length. 

Assuming a viscous "stiffness" damping we find for the 2-node 

vibration mode of a slender, homogeneous beam the logarithmic 

decrement: 

62 = TTKU 
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straight line 
IS given by 
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Figure 21. The 2-node logarithmic decrement as a function of the 

inverse ship length /44/. 

The resonance frequencies of a slender homogeneous beam are 

proportional to 

EI 

in which m is the mass per unit length. Scaling the beam with a 

factor a thus leads to a scaling of the resonance frequencies 

with —. Therefore it can be stated that for ships the first 
a 

resonance frequencies relate to each other as the inverse of the 

length. Thus also the logarithmic decrement of comparable ships 

will be proportional to the inverse of the ship length, as ex

perimentally found by Kumai /48/, see Figure 21. 

It has been shown that the complex vibration modes show an 

increase of insensitivity for magnification at resonance fre

quency or zero response at the anti-resonance frequencies. This 

practically flat response of a structure, that vibrates in the 

10"*x6 

62n 

% • 
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resonance range of its higher natural frequencies, is more or 

less comparable with the idea of modal density, as used in noise 

and vibration investigations. For a random excitation a mean 

response level is found, that is characteristic for the system in 

consideration. This response level is extended over a certain 

frequency range, so that a deterministic excitation \/ill surely 

lead to peaks at certain frequencies if damping could be neglect

ed. However, due to the random excitation these dynamic magni

fications will not be observed. 

Due to the very constant propeller excitation frequency on 

board ships we cannot apply this idea of modal density, although 

around service RPM the various normal modes crowd. From full 

scale observations it follows that there is practically no magni

fication at certain frequencies. It has been found that this flat 

response is adequately simulated by means of a damping matrix 

proportional with the stiffness matrix, so that the damping is 

closely related to the complexity or density of the deformation 

in the structure. 

The deformation density is called high when there are 

variations in the deformation pattern over small distances. It is 

comparable with a high modal density that occurs where a large 

number of normal nodes crowd in a small frequency range. When 

the deformation density is high, also the effect of damping will 

be high. This is accompanied with a large potential or deforma

tion energy in the vibrating structure. This indicates the strong 

relation that must exist between the dissipated energy and the 

deformation energy. Hysteresis m the material is an example of 

this physical phenomenon, but shows for ship structures to be 

insufficient. 

In this way it is also explained that for a small damping 

factor Its effect is negligible in the lower modes of the vibra

ting hull girder, but that for the more complex higher modes the 

effect of damping increases, so that the response curve is prac

tically smoothed to a straight line. In this way it is shown 

that the damping is not directly related with the frequency but 

indirectly. This relation is then realized by means of the 

vibration pattern. 

In vibration and noise investigations /48, 49/ it has been 

found that the gas or liquid that is in between two surfaces, 
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which move from and towards each other during vibration, has 

appreciable damping effects. This has a viscous nature. Consi

dering a ship structure such a viscous damping is caused by the 

upholstery, the liquid carried in tanks or double bottom 

compartementsj the air between floor plates and their support in 

the engine room, etc. Also the Coulomb friction can be important. 

Therefore, the damping in a ship structure can best be simulated 

by a damping of viscous nature. 

By means of calculations based on the hydrodynamic potential 

theory, several investigators /50, 51/ have shown that the energy 

dissipation due to the radiation of surface waves by vibrating 

bodies IS negligible. In this aspect rigid body modes like heave 

etc. are excluded. Dissipation due to the viscosity of the water has 

always been considered small and has never been investigated. 

This IS apparently true for the lower vibration modes and rigid 

body motions. For the higher modes probably the principle of in

creased deformation density also holds for the entrained water. 

Without further investigations, we therefore cannot state whether 

the viscous damping of water is small for complex hull vibration 

modes. 

4.5. Application of the viscous "stiffness" damping. 

The usefulness of the viscous "stiffness" damping is shown 

by the results presented in Figure 22. First a proportionality 

factor < = 0.001 has been used, because the hull representation 

was three-dimensional /35/. Therefore, a larger deformation 

density had been expected, so that a smaller value of K would 

suffice. Comparison with the also presented full-scale obser

vations shows still some discrepancies. Taking K = 0.002 leads to 

better results as shown in this Figure too. Therefore it is con

cluded that < = 0.002 will lead to adequate results for the 

three-dimensional hull representation also, in spite of the 

higher deformation density. It has to be realized that the used 

values of K have a large relative difference. 

Because of the fact that at service speed the circular fre

quency IS of the order of 50, it can be expected that a hyste

retic damping with a proportionality factor h = 50x0.002 = 0.1 

would lead to the same response. For the lower frequencies the 
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effect of damping would have been too large. 

It must be realized, however, that these considerations only 

refer to calm water conditions and a constant propeller inflow, 

hence a steady condition. Effects of waves, rudder actions and 

so on will disturb the picture. However, not because of a funda

mental change in the hull response, but because of a drastical 

change of the excitation system, leading to much higher 

amplitudes of the harmonics of the excitation forces. 

frequency Hz 

~ — undamped resfxxise full scale response 

X effect of VISCOUS stiffness damping n = 0 001 

O effect Of VISCOUS stiffness dampng X = 0 002 

Figure 22. Result of three-dimensional finite element represen

tation of the hull, taking account of viscous "stiff

ness" damping with proportionality factors 0.001 and 

0.002. 
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CHAPTER 5 

TRANSVERSE SHAFT VIBRATIONS. 

5.1. Introduction. 

Via the dynamic effects of the shafting the bearing reactions 

generally strongly differ from the hydrodynamic propeller forces. 

Especially with regard to the reactions m the aftermost bearing. 

These reaction forces in fact excite the ship, for v/hich reason 

they have to be investigated with regard to habitability and 

operation requirements. 

For such an analysis the finite element is used. 

Due to the large mass and linear moment of inertia of the 

propeller and due to its location at the end of the shafting, the 

propeller plays a dominant role in the vibrational response. Due 

to the fact that several phenomena influence the propeller 

vibrations, a parameter investigation is given with regard to. 

a. propeller coefficients, 

b. gyroscopy of the propeller, 

c. oilfilm m the stern tube bearing. 

The effect of the supporting construction -will be considered, 

taking account of the deformation density. 

5.2. The finite element representation. i 

Figure 23 shows the finite element breakdown of the shafting 

of a large, single screw tanker and of a high speed, twin 

screw container ship. They are used for the investigation of tne 

transverse, propeller-excited vibrations. 

The fundamental mode of these vibrations for the frequencies 

and excitations concerned is the most important /52/. The largest 

amplitudes occur at the propeller. Hence, the fundamental mode 

will shov; a curved pattern with the nodes approximately in the 

bearings. Such a pattern is represented accurately with the given 

shaft breakdown. 



Figure 23. Shaftings of a single screw and of a twin screw vessel 

with their finite element breakdown. 

The mass matrix of the shaft is a diagonal matrix. Calcula

tions for a hinged-hinged beam, consisting of 4 elements /53/, 

show that neglect of the linear moment of inertia of the elements 

leads to a 0.03% higher natural frequency of the fundamental mode 

than the exact value. Therefore, these inertia quantities of the 

shaft are put equal to zero in the mass matrix. Also the gyrosco

pic effects of the shafting are neglected, because they are small 

with regard to the gyroscopic effects of the propeller. 
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5.3. Parameter investigation. 

5_̂ 3̂ 1 •_Progeller_cgef f icients_^ 

For a proper analysis the hydrodynamic effects of the 

vibrating propeller, the propeller coefficients, have to be 

considered. In a linearized approximation /17, 54/ these effects are 

forces and moments, proportional to the vibrational displacements and 

rotations. Each fundamental propeller motion, for example the 

horizontal displacements 6 , generates forces and moments in all 

four degrees of freedom in the transverse direction. Hence, the 

two in-plane motions generate in total 8 transverse forces and 

moments. For symmetry reasons it follows that the two motions m 

the plane perpendicular to the first lead to the same forces and 

moments, sometimes differing m sign, due to the chosen vectorial 

notation. 

Due to the rotational symmetry of the propeller the long

itudinal motions, for example, will not generate tiansverse for

ces and motions. Then for reasons of reciprocity, the transverse 

motions will not generate hydrodynamic forces and moments in the 

axial direction /17, 54/. 

The hydrodynamic forces and moments, that are generated by 

the transverse vibrations of the propeller, generally show phase 

differences with the vibrational motions. Therefore, each is 

decomposized into a component in phase with the motion and one 

in quadrature to the motion. This latter is identified with the 

velocity and thus acts m the equations of motions like a dam

ping, the first component is in phase with the acceleration, 

being proportional to the acceleration, thus acting like a mass 

and IS mostly called the added mass or moment of inertia. 

Expressing these forces and moments per unit of velocity or 

acceleration leads to the 2 x 8 = 16 propeller coefficients /17/ 

as listed in Table 2. The set of equations of motions for the 

propeller, including these propeller coefficients, is given on 

page 44. 

For more fundamental considerations reference is made to 

the literature /17, 54, 55, 56/. 

For a specific propeller the numerical values of the pro

peller coefficients are given in Table 2. The shafting system of 
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Equations of motions of transverse propeller vibrations. 

The framed quantities are the transverse propeller coefficients 

m = mass 

I, = linear moment of inertia? of the propeller 

I = polar moment of inertia 

d. . = dynamic rigidity of shafting at propeller location 

U = circular shaft frequency. 
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this propeller is the shafting B m Figure 23. Figure 24 gives 

some geometrical values for this system. 

To investigate the sensitivity of the transverse shaft 

vibrations for each of these propeller coefficients, the propel

ler-shaft response to an excitation, that consists of a horizon

tal force applying at the propeller, has been calculated over the 

frequency range of interest. Next, the dynamic response calcula

tion has been repeated, each time with one of the 16 propeller 

coefficients 5 times greater than in the first calculations. This 

factor has been chosen arbitrarily. The result is represented m 

Figure 25. On studying this Figure it has to be realized that, 

for example, multiplication of with 5 leads to a similar mag

nification of the equivalent coefficient 
F 

12*' il3 
12; »13 

1?-^13 
14, ,16 '1 tl5 

| 1 2 3 4 5 6 7 8 9 likl A 

1588 1489 2937 2937 2937 1220, 3067 3067 3067 ' 3691 " I 
f- .4. i ^ -f. 1- H A -I A A 
I UKT* I AAK. I R T R ' R 4 « ^ I R o n ' H 850 84S '875' 845 820 

Figure 24. Finite element breakdown used for the propeller 

coefficient investigation. 

The investigation into the propeller coefficient variation 
mainly results into: 

a. a shift of the resonance frequency, 

b. a change of the response at resonance. 

Both these effects, given in percentage of the original value, 

are also presented m Table 2. 

From this Table and from Figure 25 it follows that for the 

shafting considered the following terms are important: 
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Table 2. > 

The transverse propeller coefficients and their effects on the 

vibrations after being multiplied by 5, each coefficient 

separately. 

transverse propeller coe 

F 
X 
'z 

F 
z 

•*z 

F 

F 

M 
z 

«z 

M z 

«z 

M t 

=+ 

= + 

= -

= -

= + 

=+ 

= -

= -

^ 

^ 

^z 

6y 

F 
z 

6y 

M 
z 

6y 

M 

6y 

M 
z 

«7 
M 
z 

6y 

kgf X sec/m 

2 
kgf X sec /m 

kgf X sec/m 

kgf X sec m̂ 

kgf X sec 

kgf X sec 

kgf X sec 

kgf X sec 

fficients 

o.exio'* 

o.:-xio-̂  

-O.^xio'* 

0.3x10^ 

0.25x10^ 

0.5x10^ 

0.15x10^ 

-1.2x10^ 

change 
resonance 
frequency 

% 

0% 

-6(-8)% 

0% 

0% 

0% 

0% 

0% 

-2% 

change 
response at 
resonance 

% 

-2{-4)% 

+9(-14)% 

+ 30% 

0% 

0% 

-9% 

-27(-45)% 

0% 
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Table 2, continued. 

transverse 

F 
z 

*z 

^z 

*z 

F 

*z 

*z 

M z 

*z 

M z 

*z 

M 

*z 

°z 

=-l-

=+ 

=-

=-

=+ 

=+ 

=-

F 

<t>y 

F 

F z 

*y 

•f"y 

*y 

M 

*y 

M z 

*y 

M z 

*y 

propeller coefficients 

kgf X sec 

kgf X sec 

kgf X sec 

kgf X sec 

kgf X sec X m 

kgf X sec x m 

kgf X sec x m 

kgf X sec x m 

2.2x10'' 

0.5x10-^ 

0.2x10^ 

1.2x10^ 

1.5x10^ 

3.5x10-^ 

1.0x10^ 

0.7x10^ 

change 
resonance 
frequency 

% 

0% 

0% 

0% 

0% 

-3(-2)% 

-17(-23)% 

-5(-l)% 

-7.5% 

change 1 
response at 
resonance 

% 

- 4 % 

+ 10% 

0% 

-4% 

-64(-82)% 

+6(-10)% 

-57(-47)% 

8% 

(Between brackets the effect at the 2nd resonance) 
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(Given is the horizontal propeller response to a hori

zontal force excitation applying at the propeller). 
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linear damping 
F 

linear added mass 
F 

rotational damping 
M 

K 

added moment of inertia 

It IS seen that the rotational terms are dominant in the 

system considered. This is further confirmed by the large effect 

of the coupling terms 
My 

and 
M^ 

. It IS seen that the other terms 

have a negligible effect. 

It can be expected that the pronounced role of these rota

tional terms is caused by the casual geometry of the propeller 

and shafting structure considered. Therefore, it is concluded 

that for each propeller individually the propeller coefficients 

have to be determined. This determination has to be based on the 

lifting line or surface theory, because an accurate value of the 

propeller coefficients is required m the analysis of the shaf

ting vibrations. 

In the presented investigation proper account has been 

taken of gyroscopy, oilfilm and bearing stiffness. 

5^3^2^_Progeller_gYroscogY^ 

The gyroscopic effect of the propeller couples its horizon

tal and vertical vibrations, so that, when there are no other 

coupling effects, the propeller motion is an ellipsoid. If the 

direction m traveling along this ellipsoid agrees with the 

shaft rotation, the motion is called a "forward whirl". The 

opposite motion is called a "counter whirl" /16, 57/. 

To summarize, we consider a disc located at the free end of 

a cantilevered shaft (see Figure 26). The dimensions are such 
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that 

= 1 
ml 

where I„ 

m 

the linear moment of inertia of the disc, 

the mass of the disc, 

the shaft length. 

^mass = 0 

disk with linear moment 

of inertia I^ , mass m 

and diameter d 

Figure 26. Cantilevered shaft-disc system to elucidate the 

effect of gyroscopic on natural frequencies. 

Then the dimensionless equation of free transverse motions of 

the disc writes /15/: 

3W^ - 6SW^ - 16W^ + 24SW + 4 = 0 

in which W = o) \/ T is the dimensionless whirling frequency and 

m^ S = n y -k^ is the dimensionless shaft rotation frequency, 

with 00 = circular frequency of the free disc vibration, 

Q = circular frequency of shaft rotation, 

E = modulus of elasticity and 

I = cross sectional inertia moment of the shaft. 
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The graphical solution of this equation is represented with the 

solid curves m Figure 27 /16/. The intersections with the 

straight lines W = zS (z is an integer, which for ship screws is 

equal to the number of propeller blades) give the resonance fre

quencies of the disc-shaft system. The conclusion from this Figure 

IS that with the increase of the number of blades the resonance 

frequencies of the forward and counter whirl become more and 

more equal, especially for the fundamental mode of the shafting 

which closely corresponds to the considered disc-shaft system. 

U 5 
shaft f requency S 

Figure 27. Reduced whirling effect with increased multiple of 

the transverse vibration frequency W with regard to 

the shaft frequency S. 

For the shafting system of Figure 238 a calculation system 

has been deduced and represented m Figure 28. For this system 

the effect of gyroscopy is shov/n in Figure 29. Figure 30 shows 

that neglecting the mass of the shaft leads to a somewhat higher 

resonance frequency and an increased distance between the reso

nance frequencies of the counter and forward whirl. Similar 
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calculations, not reported herein, for the single screw shafting 

system of Figure 23 show a smaller effect. 

15 
85 

30 30 
85 85 

30 
85 

_l length (m) 
diameter (m) 

Figure 28. Calculation system for parameter investigation in 

transverse vibrations. 
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Figure 29. Propeller response to horizontal force excitation, 

only accounting for gyroscopy. 
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In both cases the effect of gyroscopy shows to be very distinc

tive. Due to the fact that for a real shafting system there are 

also coupling terms due to the surrounding water and due to the 

oilfilm in the bearings, it is worthwhile to investigate the 

importance of the gyroscopy in comparison with the other pheno

mena. 

It must be remarked that in this study the shaft has been 

supported in the center of its bearings, assuming an infinite 

stiffness in these points. Hence, only shaft deformations have 

been considered, no coupling by means of propeller coefficients 

or bearings have been taken into account in this case. 
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Figure 30. Propeller response to horizontal force excitation, 

only accounting for gyroscopy and neglecting the mass 
of the shaft. 



-54-

§.:̂ 3̂_̂ _0ilfilm_̂  

In various ways the oilfilns plays an important role in the 

transverse shaft vibrations. Because of the paramount role of the 

propeller m the shaft vibrations, large attention has to oe paid 

to the oilfilm in the aftermost bearing. 

Because of its length (2 to 2.5 times the shaft diameter) 

the resultant of the pressure distribution in this bearing can 

have various axial locations. The propeller overhang is given by 

the distance between the center of gravity of the propeller and 

the point if application of this resultant bearing force. It has 

been found /58/ that the fundamental natural frequency is to 

some extent proportional to the inverse of the overhang, so that, 

in order to keep the fundamental natural frequency as high as 

possible, the most aft location of this resultant force is re

quired. This has to be realized by a rational shaft alignment, 

taking account of the average hull deformation, due to the several 

load conditions, and taking account of the mean transverse 

hydrodynamic bending moment and force at the propeller. 

Oil pressure measurements /59, 60/ show that mostly this 

resultant is located at k from the aftside of the bearing. This 

location, therefore, is generally used in the shaft vibration 

calculations. It has to be realized that this can only be 

guaranteed by a rational alignenent of the shafting /61, 62/. 

Apart from its static behaviour, also with regard to the 

dynamic behaviour of the shafting the oilfiln is a noticeable 

parameter. This is due to its elastic and dissipative behaviour. 

The equations of motions of a shaft in a full, circular bearing, 

always being parallel to the axis of the bearing, can be written: 

B B yy yz 

B B zy zz 

A A 
yy yz 

A A zy zz 

V̂ ^ 
fz't) 

in which the terms B are the dissipitation terns and the terms 

A the stiffness terms, both matrices are generally non-synmetric 

(see Figure 31). For a given bearing the values A and B 

have been calculated by means of the mobility method /63, 54, 65/ 

for several values of the static bearing load and are represented 
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m Figure 32 /66, 67/. The values of Figure 32 are dimensionless 

according to the convention presented in Table 3. 

For the stern tube bearings it has been found that generally 

the dimensionless load number $ is of the order 0.5. That means 

that the bearing is lightly loaded. This value has been based on 

the complete bearing length. 

clearance circle 

bearing center 

shaft center 

eccentricity ot 
shaft center 

locus of shaft locations 
in static condition 

Figure 31. Nomenclature and co-ordinate system to describe shaft 

position in bearing. 

Restricting the actual operative part of the bearing to say 1/3 

of Its length does not really effect the values of A and B 

as shown m Figure 32. We, therefore, can adhere to the result 

of a lightly loaded bearing, according to the results as shown 

in Figure 32. This reduction of the actual bearing length can be 

caused by wear-down of the bearing and by the non-parallel shaft 

location m the bearing. 

Furthermore it has been shov/n /68/ that, as long as the 

variations of tne eccentricity e (see Figure 31} are small com

pared with the mean value, these stiffness and damping terms are 

constant, so that matrices with constant terms result. These 

matrices are used in the finite element calculation programs by 

adding them to the overall damping and stiffness matrices. 
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Figure 32. Dimensionless stiffness- and damping constants as a 

function of the dimensionless eccentricity e = ^- of 
^ dr 

a full cylindrical bearing with length over diameter 

ratio of 2.35 /68, 69/. 

These oilfilm results have been obtained on the assumption 

that the shaft is always parallel to the bearing and that two-

dimensional considerations apply. In reality, the shaft shows 

some inclination with regard to the bearing. This inclination 

also will vary due to the vibrations. Then the three-dimensional 

flow during actual operation of the oilfilm will differ from the 

results given in Fiaure 32. However, m actual structures the 

maximum inclination is of the order of one-thousands radian, 

whereas variations will generally be once again one order smaller, 

so that results from the two-dimensional considerations are 

thought not to be affected principally. 

To investigate the effects of the oilfilm,calculations have 

been performed for the same simplified shafting system as used for 

the gyroscopy investigation (see Figure 28, which has been deduced 

from the twin screv/ shafting of Figure 23). The propeller bearing 

characteristics are given in Table 4. For this bearing the oilfilm 

characteristics are presented m Figure 32. For the static bearing 
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Table 3. 

Definition of dimensionless oilfilm constants of Figure 32 /66/. 

F 
J 1 T J I- /dr, 2 Stat 
dimensionless load number = (—) —̂ —5 

dimensionless eccentricity = ^— 
-' dr 

dr a dimensionless stiffness term = A 
^3 ^stat 3̂ 

b dimensionless damping term - " 
1. 3 = y^ z 

13 c- ^ F ^ ^ 1] 
-' Stat -' 

F static bearing load due to the shaft support Stat 

r bearing radius 

dr radial clearance between shaft and bearing 

n viscosity 

b length of the bearing 

d bearing diameter ( = 2r) 

(I) angular shaft speea (constant, bearing is supposed to 

be non rotating) 

load, as indicated in Table 4, the damping and stiffness constants 

have been deduced from Figure 32 and are given m Table 4. The 

resulting forced response of the propeller is shown m Figure 33. 

From these results the small effect of coupling between the 

horizontal and vertical shaft vibrations is clear. Also the small 

effects of the damping is obvious, as confirmed by Figure 34, m 

which the damping terms B have been put equal to zero. This is 

explained by considering the high stiffness terms of the oilfilm, 

so that the dissipated energy m the oilfilm remains very small in 
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Table 4. 

Characteristics of propeller bearing and oilfilm constants. 

(Figure 32). 

length 

diameter 

radial bearing clearance 

oilfilm viscosity 

RPM 

mean bearing load 

dimensionless load <t> 
^ . •t"̂  relative eccentricity e 

K. 
yy 

A„, 
yz 

A„„ 
zy 

K zz 
B„„ 

yy 
B yz 
B„ 
zy 

B 
zz 

2.0 m 

0.85 m 

5 X lo""* m 

10~^ kgf sec/m^ 

135 

8 X lo'' 

0.46 

0.185 

1.69 X 10^ kgf/m 

9.36 X 10® kgf/m 

-8.26 X 10® kgf/m 

3.07 X 10® kgf/m 

1.290 X 10® kgf sec/m 
8 

0.219 X 10 kgf sec/m 

0.224 X 10® kgf sec/m 

1.241 X 10® kgf sec/m 

spite of the rather high value of these terms, as compared to the 

damping terms of the propeller coefficients, which values are 

given m Table 2. 

Further the coupling stiffness terms have been put equal to 

zero. This results in a somewhat lower resonance frequency as given 

by Figure 35, thus showing the importance of the coupling stiffness 

terms. 
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5_i3_.4_._Combinatign_gf _the_ef f ects_of _the_Brggeller_coef f icien 

3Y£2§S2Py_§D^_2iif iilPi 

In Figure 36 is shown the propeller response for the shafting 

used for the oilfilm investigation, but now also including the 

propeller coefficients. In this respect it has to be remarked that 

m the oilfilm and gyroscopy investigation the added inertias have 

been accounted for. 

Comparing these results with those of the oilfilm only. Figure 

33, clearly shows the dominating effect of the propeller coeffi

cients . 

By including the propeller gyroscopy leads to the results 

that are given in Figure 37, showing that the gyroscopy gives around 

the resonance frequencies a broader frequency range m which the 

response is high. 

From these results the large effect of the propeller coeffi

cients and of the gyroscopy becomes clear. The oilfilm has shown 

to be only of importance with regard to its stiffness terms, in 

order to obtain the correct resonance frequencv. The damping terms 

are negligible, despite of their large magnitude. This is explained 

by small oilfilm deformations during the vibration. 

All three effects combined show around the resonance frequency 

a rather broad frequency range in which the response is high. This 

IS confirmed by the results shown m Figure 38, in which the pro

peller response to a complete hydrodynamic excitation is given. 

The values of this hydrodynamic excitation, induced by the operatmq 

propeller in the inhomogeneous wakefield, is given in Table 5. 

Several possibilities exist to change the resonance frequency 

of the shafting. With regard to the extent of the frequency range in 

which the response is high, these possibilities are mostly marginal. 

On]y a change of the number of blades is effective, as shown in 

Figure 38. 

In this parameter investigation the oil support was concen

trated at one point. However, the oilfilm supports the shaft over some 

length and, therefore, it may be expected that the bearing not 

only acts as a point support, but will also transfer a moment from 

shaft to bearing. This is due to the axial shift of the resultant 

oilfilm reaction when the tilt of the shaft in the bearings changes. 
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Table 5. 

Hydrodynamic propeller excitation for blade frequency (11.25 Hz). 

^ 
F 

z 

» y 

M z 

= 

= 

= 

= 

4 , 9 8 0 s i n ( c o t -

2 , 5 7 0 s i n ( a ) t + 

1 2 . 5 0 0 s i n ( u ) t -

6 . 9 2 0 s i n ( a ) t -

6°) 

1 6 9 ° ) 

- 3 1 ° ) 

1 3 3 ° ) 

This can be expected for the statical as well as for the dynamic 

shaft behaviour. 

To realize this effect the oilfilm m the propeller bearing 

can be represented by means of two perpendicular plate elements, 

one horizontal and one vertical, which lengths equal half the 

bearing length and which are located at the after half of the 

bearing. The thickness and height of these plate elements have 

to be chosen such that the overall compression stiffness of the 

plates are equal to the direct oilfilm stiffnesses A and A 

(see Table 4). An experimental verification is given in section 5.5. 

5.4. Interaction with the supporting structure. 

Considering the vibration modes of the shafting it is obvious 

that due to the simple deformation pattern the damping for the 

shafting itself can be neglected. Also the oilfilm damping has m 

the preceding section been sho\jn to be negligible. 

Only the propeller damping remains. 

The effect of the constructional damping of the supporting 

structure will be large, because here the vibrations are accompanied 

with rather complex deformations of high density. That means that 

Its d/namica. s-i-̂ fne-iS ra- je estimated by the local, statical 

stiffness. Therefore, the shaft vibration analysis can be based 

upon this statical stiffness. Furthermore it is rather cumbersome 

to derive the effective dynamic stiffness. 

Due to the fact that the propeller, with its large inertia, 

coupling and damping effects, is located at the overhang of the 

shaft, the elasticity of the sterntube bearing sucport plays an 

important role in the transverse shaft vibrations. Figure 39 shows 

such a sterntube. 

In the vibration calculations the sterntube is supported 
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Figure 39. Sterntube sub-structure, considered in the calcula

tions of the transverse shaft vibrations. 

infinitely stiff at the intersections of the hull plating with the 

aft bulkhead and the steering room deck. It can be expected that 

an extension of this structure would lead to an underestimate of the 

stiffness of the sterntube bearing, because beyond this region 

the vibrations are governed by the overall hull vibrations, for 

which the deformation density is large. 

The elasticity of the support of the intermediate bearings is 

generally of second-order interest. Therefore, one can use elasti

city constants which are known from practice, or assume an infinite 

stiffness. 

For open stern ships or twin screw ships, for which a number 

of the intermediate bearings have been located in the bossing, 

Figure 40, an other philosophy applies. Here the supporting 

structure itself vibrates in its fundamental modes, in the 
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support by the hull 
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Figure 40. Finite element representation of starboard shafting 

and bossing of 3̂^ generation container ship. 

regarded frequency range, so that the effect of damping can be 

disregarded. Of course, for the remaining ship hull the deformation 

density is still such that use can be made of the statical stiff

ness. However, for the propeller response of the system shown in 

Figure 40, no noticeable effects have been found on assuming that 

the hull is infinitely stiff, compared with the results, found by 

taking the hull elasticity into account. 

5.5. Correlation with full scale observations. 

For the shafting, shown in Figure 40, vibration measurements 

have been performed when the ship is in service /68/. The calcu

lated 3-rd natural frequency of 11.14 Hz is well confirmed by the 

measured resonance of 11.0 Hz. For the lower natural frequencies, 

a confirmation has also been obtained, but not so distinctly. 

At the resonance of 11.0 Hz the vibration pattern over the 

shafting has been measured, and is compared in Figure 41 with 

the calculated 3-rd natural mode. Because of the fact that the 

hydrodynamic excitation was not know, no comparison can be made 

with regard to the magnitude of the vibrations. 

In the calculations, the oilfilm in the aftermost bearing 

has been represented by two perpendicular plate elements, 
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extending over the after half of the bearing. The dimensions of 

these plate elements (vertical and horizontal) have been chosen 

such that their stiffness perpendicular to the shaft equals 

20 X static bearing load 
diametrical bearing clearance 

(see ref. 53) 

Calculations with other oilfilm representations, like a set 

of springs along the shaft or concentrating the oilfilm stiffness 

into one point, led to less agreement with full scale measurements. 

In this way it is shown that the oilfilm also exerts a 

moment on the shafting. Furthermore, these plate elements also 

give coupling between the horizontal and vertical shaft displace

ments, leading to a much more stiff behaviour than can be con

cluded from the stiffness terms directly. 

fr nr 
10 20 30 40 50 60 

calculated naturel nnode with natural fnzquency 1114 Hz 

measured full scale response at resonance at 11.0 Hz 

Figure 41. Comparison of c a l c u l a t e d n a t u r a l mode with f u l l s ca l e 

response to hydrdynaraic e x c i t a t i o n / 6 8 / . 

This aspect i s in agreement with the r e s u l t s of the hydrodynamic 

i n v e s t i g a t i o n of the o i l f i l m , see sec t ion 5 . 3 . 3 . 

I t must be r e a l i z e d t ha t these cons ide r a t i ons only apply 

for the cond i t ions around se rv i ce RPM, when a fu l ly developed 

o i l f i l m may be assumed. 
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CHAPTER 6 

MISCELLANEOUS. 

6.1. Introduction. 

In addition to the transverse shaft vibrations, which are 

treated in the preceeding chapter, also the axial shaft vibrations 

need to be considered in the vibration analysis of the ship. Also 

other local vibration problems, such as superstructure vibra

tions, require attention. These aspects will be briefly treated 

m this chapter. 

6.2. Axial shaft vibrations. 

§.ii.ilz._0§§2£'iBti2D_2^_the_problem_^ 

The thrust and torque fluctuations generate axial shaft 

vibrations. Due to resonances the forced vibrations can become 

important with regard to the habitability and the requirements 

for safe operation. The axial vibrations consist of torsional 

and longitudinal (translatory) components. 

Because of the fact that the torsional vibrations are not 

coupled with the ship structure, they can be easily tuned in 

such a way that, in the frequency range of interest, no danger

ous resonance with the blade frequency and its multiples will 

occur. Therefore, they are only considered with regard to the 

coupling with the longitudinal vibrations by means of the 

hydrodynamic characteristics of the propeller, the propeller -

coefficients. 

The longitudinal vibrations are coupled through the thrust

block to the ship structure. For modern ships the fundamental 

natural frequency of the longitudinal shaft vibrations is close 

to the blade frequency at service speed so that these longitu

dinal vibrations need carefull attention. 

The calculation technique is based on the finite element 

method. The propeller coefficients m the axial vibration are 

accounted for. Their effects are shown. Also attention is paid 

to the oilfilm effects as well as to the interaction with the 

hull. 
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6 ĵ  2_̂  2_̂ _The_ f inite_element_ representation ĵ  

For the calculation of the axial shaft vibrations the 

finite element breakdown as shown in Figure 4 2 has been used 

For the representation of the first modes of the shafting the 

indicated finite element representation will suffice. 

It IS sufficient to make use of a diagonal mass matrix. 

Regarding the large polar moments of inertia of the propeller, 

gear wheels and turbines, the polar moment of inertia of the 

shaft can be neglected. 

In the model, the turbines and gearwheels rotate with shaft 

speed. This requires for the stiffnesses and inertias of the 

relevant items a multiplication with the square of the gear

ratio's /42/. 

t 
10930 17350 

n Q - C 

t^5 
3077 . , I 

Figure 42. Shafting system to which the axial calculations apply. 

This sytem has been derived from the ship given m 

Figure 23-B. 

§^2^3^_Progeller_coefficients^ 

The equations of motions of the propeller also include the 

axial hydrodynamic propeller coefficients /17/: 
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in which the framed quantities are the propeller coefficients, 

m = mass i ^ j.,. in 
of the propeller. 

I = polar moment of inertia 

d., and d__ are the dynamic shaft stiffnesses at the 

propeller location. 

Due to the rotational symmetry of the propeller no coupling with 

the transverse vibrations exists. Furthermore, the coupling terms 

of the longitudinal and torsional vibrations are equal m pairs 

/17, 54/: 

F 
x 

11 
^x 

— 
M 

X 
T-

X 
and 

F 
X 

ii 
^x 

— 
M 

X 
~ 

X 

Mechanical coupling between both vibration directions does not 

occur in shafts. Only for diesel powered ships the crank-shafts 

will cause such a coupling /69/. Because the calculations herein 

refer to a turbine driven propulsion system, this coupling has 

not been considered. 

For the system under study (see Figure 42) the propeller 

coefficients have the following values. 

^ x 

«x 

1.3 X 10 kgf sec/m 

3 2 3.2 X 10 kgf sec /m 

(translatory damping) 

(added mass, 74% of me
chanical propeller mass) 
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F 
X 

^ X 

M 
X 

7— 
^ 

M 
X 

*x 

= J— = 5.2 X 10 kgf sec 

= 1.3 X 10^ kgf sec^ 

} (coupling terms) 

1.9 X 10 kgfm sec (rotational damping) 

3 2 
6.3 X 10 kgfm sec 

(added polar moment of 
inertia, 60% of mechanical 
polar moment of inertia of 
the propeller) 

= 4300 kgf sec/m 

= 10480 kgfm sec^ 

The coupling and damping effects of the propeller coeffi

cients are shown in Figure 43. Because the coupling terms are 

correlated to the velocities and accelerations it is clear that 

due to the higher resonance frequency of the longitudinal 

vibrations the strongest coupling effects are found in the tor

sional vibrations. 

6.2.4 Oilfilm effects. 

According to the two-dimensional oilfilm theory for a 

Kingsbury thrustbearing, described in /70/, the oilfilm stiffness 

can be written as: 

K = K -I- itoR 

in whicn, for tne considered shaft system at service speed: 

K = 3.5 X 10^ kgf/m ' ' ' '• 

and R = 6.8 x 10 kgf sec/m. 
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Figure 43. Propeller response to unit thrust or torque fluctua

tions showing the coupling effects at resonance due to 

the propeller coefficients. 

The effect of damping is shown by the results presented in 

Figure 44. In this analysis the propeller coefficients have been 

neglected, except for the added inertias. Comparison with the 

results of the calculations in which the propeller coefficients 

have been included. Figure 43, shows that the damping of the 

oilfilm in the thrustbearing is negligible. This is due to the 

high stiffness of the oilfilm leading to small deformations in 
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Figure 44. Propeller response to unit thrust and torque fluctua

tion, accounting for oilfilm effects in thrust block, 

propeller coefficients have been omitted, except for 

the added mass. 

the oilfilm. 

6^2^5^_Interaction_wlth_the_enginerggm_dguble_bottom^ 

The interaction of the longitudinal vibrations is realized 

by the thrustblock. For modern ships with the engineroom aft, 
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the longitudinal behaviour of the thrustblock is of great importance 

for the corresponding shaft vibrations. 

The engineroom vibrations will show a high deformation density 

m the vicinity of the fundamental frequency of the longitudinal 

shaft vibration. This is due to the fact that the fundamental fre

quency of the double bottom is considerably lower than that of the 

shaft. Furthermore, all items carried by the double bottom have 

their own dynamic behaviour, effecting the double bottom vibrations. 

The deformation density of the longitudinal shaft vibrations 

IS small, so that damping can be neglected. 

Therefore, it will suffice to consider for the shaft analysis 

only the thrustblock and its direct support. The natural frequency 

of the thrustblock sole will be higher than the coupled shaft-thrust-

block system so that the deformation density is small and it suffices 

to take the statical stiffness of the thrustblock and its direct 

support. For the shafting system considered, the thrustblock 
Q 

Stiffness has been obtained in this way and equals 1.67 x 10 kgf/m. 

6.3. Local vibration problems. 

Due to the fact that damping is strongly related to the 

deformation density in the vibrating structure, only for simple 

vibration patterns the dynamic amplification will be large. This 

idea can fruitfully be used in determining the urgency to perform 

resonance calculations for local structures. 

For example, if the superstructure is rather tall and slender, 

the deformation density in its fundamental mode will be small. This 

also holds for flat superstructures. In this case for vibrations 

perpendicular to the plane of the superstructure, the deformation 

density will remain small. For vibrations in its plane the defor

mation density is high, due to the complexity of the structure and 

due to the participating upholstery. In this case a small dynamic 

amplification will result. 

With regard to the foundation of the local structure, the 

principal of the deformation density has to be used to indicate in 

how far the foundation has to be incorporated in the resonance 

analysis. 

For slender or flat structures the interaction with the 

foundation is generally not so important, because of the fact that 
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the foundation mainly participates in the deformation energy and 

this only for a minor part. Therefore, the calculated resonance 

will not strongly be affected by the extent of the foundation 

considered in the calculations. 

It must be realized that no judgement can be given with regard 

to the vibration level. This is because of the fact that the 

excitation has to be transferred through the supporting ship 

strucuture, so that nor its distribution nor its magnitude can be 

given. Only by considering the entire ship structure an estimate 

of the local level is obtained. 
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CHAPTER 7 

CONCLUSIONS 

In the vibration analysis of the ship structure, damping can 

be accounted for by a damping mechanism having a viscous nature. 

The distribution of the damping is shown to be proportional to 

the stiffness distribution. With the thus formulated damping the 

practically undamped behaviour of the ship, vibrating m the range 

of Its lowest natural frequencies, is obtained. In the higher 

frequency range, given by the blade frequency around service speed, 

the negligible magnification at resonance is also realized. Both 

aspects are in close agreement with full size experiments. 

In fact the damping is related to the deformation density. 

For complex vibrations, in which the number of the variations of 

the deformation over small distances is high, the deformation 

density is high too. For simple vibration modes, however, for 

example the two-node vertical hull vibration mode, the deformation 

density is small and accompanied by a negligible damping. Around 

blade frequency at service speed the deformation density is high, 

leading to a frequency independent response of the ship to a 

constant excitation. 

Due to the frequency independent response at service speed, 

the propeller-generated hull structure vibrations are proportional 

to the magnitude of the excitations. Therefore an effective 

abatement of the vibrations at service speed is given by a reduction 

of the propeller-generated excitations. 

In order to indicate how far a local structure can be thought 

to be uncoupled with the remainder of the structure, account has 

to be taken of the deformation density. 

For the shaft vibrations the propeller coefficients, related 

to inertia, coupling and damping, show to be the important parameters. 

Also the gyroscopy and the dynamic oilfilm behaviour have to be 

considered, although they have a smaller influence than the 

propeller coefficients. 
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LIST OF SYMBOLS. 

A stiffness term of oilfilm. 

a dimensionless stiffness term of oilfilm. 

A matrix. 

B damping term of oilfilm. 

b dimensionless damping term of oilfilm/amplitude. 

b vector. 

D disc effect. 

D damping matrix. 

d damping term/bearing diameter/dynamic stiffness term. 

E modulus of elasticity. 

e eccentricity of shaft center with regard to bearing 

center. 

F force. 

f function of the following parameter between brackets/ 

force. 

f force vector 

h proportionality factor for the hysteretic damping. 

I cross sectional inertia moment. 

I. linear moment of inertia. 

I polar moment of inertia. 

1 imaginary unity/mdex number. 

J ]-th Bessel function of the first kind. 

] index number. 

K stiffness matrix. 

k stiffness term. 

i length. 

M moment. 

M mass matrix. 

m mass term. 

n index number. 

Q magnification factor. 

r bearing radius. 

S dimensionless shaft frequency. 

t time. 

W dimensionless whirl frequency. 
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vector of unknowns. 

Cartesian coordinates. 

amplitude. 

constant. 

dimensionless damping. 

displacement/logarithmic damping. 

displacement vector. 

dimensionless shaft eccentricity/small quantity. 

phase rotation/dimensionless bearing load. 

viscosity of the oilfilm. 

proportionality factor for "stiffness" damping. 

complex frequency. 

proportionality factor for "mass" damping. 

circular frequency of shaft rotations. 

circular frequency of vibration or excitation. 
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SAMENVATTING. 

Uit metingen op ware grootte blijkt dat de demping van de 

romptrillingen van een schip in het gebied van de laagste eigen-

frekwenties te verwaarlozen is. In het gebied van de schroefblad-

frekwentie bij diensttoerental is de responsie praktisch konstant. 

Aangetoond wordt dat dit verschijnsel adekwaat is te beschrijven 

onder de aanname van een viskeuze demping die evenredig is met de 

strfheld. 

Met responsie wordt hier bedoeld de frekwentiefunktie van de 

verplaatsmgsamplituden van de trillingen, welke worden opgewekt 

door een konstante excitatie. 

In het algemeen zal de responsie van de romp m e t wezenli:ik 

worden beinvloed door de konstruktiewi]ze. Dit houdt m dat, mdien 

mformatie betreffende de responsie van vergelijkbare schepen 

beschikbaar is, het trillingsgedrag door het niveau van de door de 

schroef opgewekte excitatie gegeven is. Voor deze gevallen zal een 

trillingsonderzoek primair gericht moeten zijn op het minimaliseren 

van deze excitatiekrachten. Voor elk schiP afzonderlijk dient 

slechts een trillmgsberekenmg uitgevoerd te worden voor lokale 

konstrukties met betrekking tot hun speciflek dynamisch gedrag. 

Het IS echter moeilijk om voor lokale konstrukties de grenzen 

aan te wi^izen waarlangs zij met betrekking tot hun eigen trillings

gedrag kunnen worden geacht met gekoppeld te zi]n met de trillmgen 

van het gehele schip. Er worden richtlijnen gegeven ter bepaling 

van deze grenzen. Hierbi] wordt rekening gehouden met het toenemende 

effekt van demping bi] grotere mgewikkeldheid van het trillings-

patroon. 

Voor de astrillmgen worden verschillende parameters beschouwd. 

Het blijkt dat de schroefkoefficienten de overheersende rol spelen. 

Dit zi^n de hydrodyncimische effekten van de trillende schroef zoals 

bijvoorbeeld de toegevoegde massa. Daarnaast worden ook de oliefilm, 

de gyroskopie en de koppelmg met de romp behandeld. 
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STELLINGEN 

I 
Tengevolge van de zeer geschematiseerde benadering van de dynamische eigenschap
pen van de romp en van het grote effekt van demping die optreedt bij bladfrekwente 
scheepstrillingen, is het streven naar een vergroting van de nauwkeurigheid in de be
paling van de toegevoegde massa van het schip niet gemotiveerd. 

(M. Macagno: A comparison of three methods for computing the added 
mass of ship sections. 
Iowa Inst, of Hydr. Research, report no. 104, April 1967. 
K. Matsumoto: Application of finite element method to added virtual 
mass of ship hull vibration. 
Journ. of the Soc. of Naval Arch, of Japan, June 1970.) 

n 
Voor het berekenen van de gedwongen trillingen bij diensttoerental verdient uit hoof-
de van verkorting van de rekentijd het direkt oplossen van de bewegingsvergelijkin-
gen de voorkeur boven het sommeren van de responsies van de betrokken eigen-
funkties op het beschouwde excitatie-systeem. 

(M. Risse: Berechnungen von elastischen Schiffsschwingungen nach der 
Methode der Finiten Elementen. Voordracht op de Finite Element Con
gress, november 1973 te Baden-Baden.) 

Ill 
Door de verdeling van de massa over de overblijvende knooppunten van het reken-
systeem te baseren op de statische reductie van de overige knooppunten, wordt geen 
garantie verkregen voor een verhoogde nauwkeurigheid van de berekende trilUngen 
bij diensttoerental. 

(P. Meijers, W. ten Gate, L. J. Wevers, J. H. Vink: Numerical and ex
perimental vibration analysis of a deckhouse. Neth. Ship Research Cen
tre T.N.O., report no. 184 S, December 1973.) 

IV 
Een optimale tunnel konstruktie boven de schroef behoeft niet alleen te resulteren in 
een verlaging van de drukfluktuaties op de romp, maar kan ook in een verhoging van 
het totale voortstuwingseffekt resulteren. 

(Hoofdstuk 2 van dit proefschrift.) 

V 
De ontwikkeling van de stern bulb is gebaseerd op een reduktie van de dynamische 
askrachten, doch geeft generlei garanties tot lagere rompdrukkrachten. 

(Hoofdstuk 2 van dit proefschrift.) 

S. HYLARTOES 
Delft, 16 oktober 1974 


